Design of the brake disc geometry for a given brake disc material provides an opportunity for improvement in the fatigue life of the brake disc. High thermomechanical loads at braking lead to substantial local plastification and also induce tensile residual stresses in certain areas of the brake disc. This contributes to shortening of the fatigue life of the brake disc by possible initiation and growth of cracks. In the present paper, a simulation approach for evaluation of brake disc designs with respect to thermomechanical performance is developed and applied. Brake disc performance is analysed using commercial finite element software by employing a constitutive model for grey cast iron implemented in a Fortran subroutine. The thermal loading consists of consecutive severe braking cycles at a constant brake power and a constant speed, with cooling between the brake cycles. Based on a previous experimental study, three different assumptions are made regarding the spatial distribution of the thermal load at braking. A standard commercial brake disc made from grey cast iron having straight vanes is used as the reference case. Geometrical modifications are introduced in the ventilation arrangement using a design-of-experiments approach, studying both straight cooling vanes and different pillar layouts. A preliminary assessment of the fatigue life of the brake discs is carried out. The results indicate that the introduction of different pillar arrangements instead of straight vanes make it possible to decrease the mass of the brake disc by up to 13% or to increase the fatigue life of the brake disc by about 50%.
Introduction
In heavy-duty automotive applications, disc brakes are commonly used for both freight vehicles and passenger vehicles. For relevant braking conditions, i.e. normal service braking together with drag braking (also called downhill braking) and emergency braking, the brakes must fulfil multiple requirements 1 related to brake disc life (wear, thermal cracking and corrosion), to safety (cooling performance, maximum admissible torque and friction coefficient) and to high-frequency squeal noise and low-frequency judder.
Two main types of brake disc design are the floating disc, which is constructed from two parts, and the hat disc, 2 which is cast in one piece. The cooling of a brake disc is promoted by different types of vane (straight, tangential or curved) or pillars between the two friction discs (often called 'cheeks'). The remaining spaces between the cheeks and the vanes (or the pillars) are called cooling vents or cooling channels. Cooling is accomplished by convection, conduction and radiation. 3 Important aspects of convective cooling are the surface area of the brake disc in direct contact with air, the velocity of the airflow and the possible recirculation of air. 4 Conduction takes place within the brake disc and transfers heat to its support. 5 Cooling by radiation is only significant at high temperatures.
Optimization of a vaned brake disc has previously been studied by Jung et al., 6 where the maximum temperature and hot judder have been significantly reduced by modifying the neck (transition between the cheek and the hub). Palmer et al. 7 showed, by studying the cooling response of vented pillar brake discs, that the mass distribution affects the heat transfer. The radial positions and the shapes of pillars are optimized in order to increase the heat transfer. Okamura and Yumoto 2 proposed two improved versions of hat-type brake discs to limit their thermal deformation in the form of coning.
The residual stresses that develop during cooling after severe braking are detrimental to grey cast iron brake discs because of the poor mechanical properties of the material in tension, introduced as a result of graphite flakes that act like pre-cracks. These flakes also introduce an asymmetric stress response in tensioncompression. 8, 9 Fatigue tests on small specimens of grey cast iron materials for brake discs have been carried out by Skoglund et al., 10 where the impact by alloying elements at a controlled temperature and straining is studied. Further, full-scale braking tests for the evaluation of materials for brake discs have been performed, thus accounting for the actual complex thermomechanical loading at braking. 11, 12 The present paper utilizes a novel implementation of a Gurson-type material model which has been calibrated for a grey cast iron brake disc material. 13 The model is developed for use at elevated temperatures that are relevant for severe braking conditions. Augustins et al. 14, 15 proposed a constitutive elastoviscoplastic model calibrated for cyclic loading and temperatures up to 600°C applied to a grey cast iron brake disc. The Gurson approach is well established for modelling stress-strain relationships in ductile metals, but its application to grey cast iron is novel for temperatures higher than 350°C. At braking, the brake disc temperatures can be sufficiently high to produce phase transformation, but such phenomena were not taken into account in the numerical model. Therefore, the maximum temperature for material model calibration was kept below 700°C, which nevertheless represents the temperatures observed in some severe braking experiments. 12 The Gurson-type material model has been found to give good agreement between model predictions and experimental test results, although the agreement is somewhat compromised as the temperature exceeds 600°C. 13 In the present paper, the implications of using such an advanced material model for tentative design of brake discs is studied by utilizing parametrized brake disc geometries and optimization methods.
A hat brake disc with straight vanes is chosen to be the reference brake disc (Figure 1 (a) and Figure 2 (a)). Part of the brake assembly is shown in Figure 1 (b). The reference brake disc is made from a grey cast iron material that has previously been studied in full-scale brake rig experiments 12 (the brake disc denoted D4 in that study) and also by laboratory experiments on specimens and by numerical modelling. 16 Geometrical modifications of the reference brake disc are introduced here for a severe thermal loading case based on previous brake rig experiments and assessed using a design-ofexperiments (DOE) approach. The focus is on the influence of the design of the cooling arrangements on the stresses and strains and, ultimately, on the fatigue life. Examples of the vanes and the pillars selected for the study are illustrated in Figure 2 (b) and (c).
A new brake disc geometry must fit into the present wheel carrier and caliper and should lead to a longer fatigue life and/or a reduced mass. Six types of brake disc geometry are studied: one vaned disc and five discs with pillar arrangements. The cooling characteristics are taken into account in a simplified way, and the convection coefficient is assumed to be not affected by design changes in the present study since this is of minor importance for the studied braking cycles at a high power. First, the reference brake disc is analysed in detail for different thermal loads. Then, the influences of the different brake disc geometries are studied using DOE methodology. 17 This is a systematic method to determine the relationships between the parameters (the so-called factors) affecting a process that generates one or several outcomes (the response variables). Here, a central composite design was chosen, where the variations (the so-called levels) in the parameters are -1 (lower bound), 0 (mid-value) or + 1 (upper bound). This allows a quadratic (second-order) model to be constructed for the response variables. Because of the computationally demanding finite element (FE) model, a complete three-level factorial study is deemed to be not feasible. The brake discs are analysed for three (b) (a) Figure 1 . (a) Reference brake disc design (the dimensions are given in millimetres) and (b) disc brake assembly. 18 consecutive identical brake cycles representing the typical severe thermal load cycles observed in the brake rig experiments. 12 The reference brake disc is also analysed for 5 cycles with the thermal loading corresponding to alternating hot bands and one hot spot case. Finally, optimization based on the response surfaces is performed.
Geometry
The reference brake disc in Figure 1 has 36 straight vanes (10°spacing) of radial length L = 77 mm and thickness t = 18 mm (i.e. the distance between the two cheeks) at an angle a = 3.0°. In the study of cooling arrangements, first the vane shape is varied according to Table 1 . Then, pillars are introduced assuming an even spacing Dr between the inner radius (R i = 128 mm) and the outer radius (R o = 218 mm) of the brake disc ( Figure 3) , with the variations given in Table 1 . Naturally, there must be limits on the parameters in order to render realistic designs of brake discs; the details are not given here. The number of radial pillar rows varies between three and seven. Examples of the brake disc geometry for each category (one vane or three to seven rows of pillars) are shown in Figure 4 .
Modelling
In the present work, conventional uncoupled thermomechanical analyses are carried out using the commercial FE software Abaqus. First, the temperatures are calculated for a prescribed thermal loading induced by braking, and then the displacements and the stresses are calculated in separate simulations where the temperature is the only external load. The stress-strain response of the grey cast iron is evaluated using a material model of Gurson type.
Thermal model
In the present study, a standard full-scale brake dynamometer testing 12 is simulated. Each brake cycle has a duration of 45 s, a constant torque of 2.8 kN m and a rotational speed of 425 r/min (power, 125 kW; vehicle speed, 80 km/h), followed by cooling to 50°C. The aim of the experimental work 12 was to study the cracking and the fatigue lives of brake discs made from different grades of grey cast iron and also to record the brake disc temperatures. A total of six brake discs made from different materials was tested, and the temperatures were recorded using thermocouples and a thermocamera. The thermocamera is manufactured by DIAS Infrared GmbH and is able to record temperatures at 5000 Hz from 250°C to 1100°C by line scanning with a constant emissivity set to 0.9. Also, brake disc cracking and wear were regularly measured. The cracks were measured by visual inspection every 100 cycles up to 200°C and then every 50 cycles, together with measurement of the wear using a micrometre calliper at the mid-radius and at several locations around the brake disc circumference. The total wear of the brake discs and the pads was also recorded as the difference between the mass before tesing and the mass after testing. The brake disc that showed the longest fatigue life in the tests constitutes the reference brake disc in the present work (brake disc D4 12 ).
The key findings regarding the temperature distribution of the disc for the reference brake disc 12 are summarized here. During braking, the brake disc exhibited complex sequences of banding and hot spotting for successive brake cycles. Both banding and hot spotting are caused by frictionally excited thermoelastic instabilities that induce build-up of an uneven pressure distribution and locally high temperatures between the two surfaces in sliding contact. Banding, with concentration of hot temperatures into narrow rings at the friction contact, was the recurrent type of pattern. Two commonly observed banding patterns were as follows: first, one hot band centrally on the hat surface with two hot bands on the piston surface; second, two hot bands on the hat surface with one hot band on the piston surface. The highest temperatures are generally found on the hat surface, where hot bands are more pronounced. Moreover, one band shows higher local temperatures than two bands do. On the hat surface, the centre of the single hot band is always located at the disc mid-radius whereas, for the case with two hot bands, the centres of the bands are located 25 mm from the inner and outer radii of the disc surface during the initial cycles and later drift towards 15 mm from the inner and outer radii of the disc surface. Hot spots are occasionally observed during some initial brake cycles and then reappear after about half the fatigue life, where the banding becomes less dominant. Five to six macroscopic hot spots then occur on the friction surfaces at braking. Examples of the observed patterns are shown in Figure 5 , together with the FE results. The modelling is displayed in Figure 6 . The hot spots are antisymmetrically positioned on the two sides of the brake disc and then slowly migrate from brake cycle to brake cycle on the disc surface in the direction opposite to the rotation of the brake disc; the number of hot spots depends on the contact length between the brake pad and the brake disc. 12, 19 However, for a given brake cycle, the hot spots remain at a constant location. 20 The thermal loading leading to banding and hot spots was implemented using a Fortran user subroutine. For banding, a mathematical formulation using a parabolic flux variation within the hot bands and a constant heat flux for the remainder of the surface was employed. The hot spot modelling (inspired by the Hertzian contact theory) has an ellipsoidal flux distribution applied in a radial-circumferential coordinate system (see Figure 6 ). Fixed positions of the bands and the hot spots are assumed. Moreover, it is assumed that the total brake power is shared equally between the two sides of the brake disc and that 95% of the generated heat is transferred to the disc.
FE mesh and boundary conditions
The geometries used in the DOE study are generated by a parametrized approach, and a 5°sector of the brake disc is used (the symmetry of the sector is utilized) (Figure 7 ). To facilitate automatic FE meshing, both the vanes and the pillars are assumed to have rectangular cross-sections. Normally, circular, elliptical and/or diamond-shaped pillars are favoured for better casting and cooling performance, but it is here assumed that the detailed shape has a minor effect on the responses at the friction surfaces of the brake discs studied here. For detailed studies on the reference geometry, the actual shape of the vanes was taken into account ( Figure 8 ). Hot spotting requires a larger sector to be modelled, which depends on the total number of hot spots.
The temperatures of the brake disc are calculated from the presumed thermal loads on the areas swept by the brake pad contact. The connection between the brake disc and the wheel hub is simplified as the boltfastening areas were disregarded and as no heat transfer to the wheel hub is taken into account. This is assumed to have a negligible influence on the temperatures and the stresses of the brake disc during the rather short braking cycles studied. Both cooling by convection and cooling by radiation are taken into account in the model. A constant convection coefficient of 74 W/m 2°C is implemented on all external surfaces and in the cooling channels. This value is established from the brake disc temperature measured during the cooling for the first 5 min after the full-scale braking experiments. A radiation emissivity of 0.9 is used. The thermal material properties are modelled as being temperature dependent.
The FE models use standard 20-node brick elements with full integration. The element size is about 4-5 mm in the radial direction, with five elements along the circumference, and 15 elements along the thickness of the disc. Two examples of meshes for a brake disc with vanes and a brake disc with pillars are illustrated in Figure 7 , where the mechanical boundary conditions are also given.
Material model
A material model based on a modified Gurson-Tvergaard-Needleman model as proposed by Seifert and Riedel 21 is utilized in the present paper. It was developed, implemented in a Fortran user subroutine and calibrated 13 for the present material, for use with the FE code Abaqus. The material routine features non-linear elasticity, plasticity with kinematic hardening, viscoplasticity and asymmetry in tension and compression of the yield strength. The model has a total of 32 material parameters (of which 18 are temperature dependent), and its calibration was performed for temperatures between room temperature and 650°C. Validation was achieved by using out-of-phase thermomechanical experiments with uniaxial mechanical strains (i.e. the total strain minus the thermal strain) from 0% to -0.3% and temperatures from 50°C to 700°C. The material parameters were extrapolated up to 700°C. The specimens were heated via induction coils, and the temperature was controlled by a thermocouple at the centre of the specimen. The choice of a compressive strain in combination with an increase in the temperature for thermomechanical fatigue validation was motivated by the estimated loading cycle of the highest stressed brake disc material; full-scale brake dynamometer experiments 12 imply that the fatigue lives of brake discs are controlled by surface cracks on the hat side.
Fatigue life model
Traditionally, for any type of material, the fatigue life is assessed on the basis of empirical mathematical formulations. Numerous experiments must be performed and fitted to a mathematical model in order to predict the fatigue life satisfactorily. The Basquin-(Coffin-Manson) equations and the Smith-Watson-Topper (SWT) equation are two well-known criteria for fatigue life assessment. 22 Here, the SWT equation is employed. In its general form, 23 it states that
where s max is the maximum tensile stress, De/2 is the strain amplitude, s 0 f is the fatigue strength coefficient, E is Young's modulus, b is the fatigue strength coefficient, c is the fatigue ductility exponent and N f is the number of cycles to failure. A more suitable version of SWT for grey cast iron 23 is
with I SWT = 1.82 and S SWT = -0.25 are the SWT parameters. 23, 24 In the present work, the ''fatigue load'' is s max (De/2) and is assumed to represent the fatigue impact on the brake disc. The geometries are ranked relative to the reference brake disc.
Results
First, the reference case is analysed for three different loading cases (two banding cases and one hot spotting case). Then, the results from the parametric study (see Table 1 ) are presented using a response surface approach. Finally, optimization based on the response surfaces of the ''fatigue load'' and of the brake disc mass is performed for a banding load case.
As stated in the section on the FE mesh and boundary conditions, by utilizing the brake disc symmetry, a 5°sector is modelled for simulating the banding load cases for up to five consecutive brake cycles. For the hot spot case, with five spots around the circumference, a 36°sector of the reference brake disc is modelled and only one brake cycle is simulated because of the longer computational time required.
Reference case
Three identical cycles of banding case 1. Three consecutive braking cycles (braking and cooling to 50°C) are simulated for banding case 1 (one hot band on the hat side and two on the piston side (see Figure 6 (a)). The temperature field at the end of the 45 s brake cycle is shown in Figure 8 , together with the residual stresses in the circumferential direction, the accumulated plastic strains after three braking cycles and the calculated fatigue load for the last cycle. For this loading case, the hat side is subjected to higher temperatures than the piston side is, as found in the experimental study. 12 The resulting residual stresses, the accumulated plastic strains and the fatigue load are also higher on the hat side. Substantial tensile residual stresses are found in the circumferential direction at the central position of the hat side after the three simulated cycles. These stresses are associated with the high temperatures in the hot band and substantial local plastification, as revealed by the resulting accumulated plastic strain. In the brake disc cheeks, the stresses in the circumferential direction are greater than the stresses in the radial direction. In the experimental work, 12 cracks have been found to initiate predominantly and then to grow from a surface position centrally on the hat side of the brake disc. This is in line with the findings from the simulations when it is considered that the combinations of high tensile stresses and high-strain ranges, which result in a high fatigue load, are detrimental to cast iron. However, the experiments show a propensity for major cracking in front of the edges of the vanes whereas, in the present simulations, point 2a has the highest fatigue load, with somewhat lower fatigue loads at point 2b and point 2c; the numbering is defined in Figure 9 . This can be explained by the residual stresses induced in the manufacturing processes (casting and machining).
To investigate the brake disc behaviour during braking cycles further, the responses of the stresses and the strains are shown in Figure 9 for three points at the hat surface, for three points at the piston surface and for two points at the neck surface. For position 2a at the centre of the hot band on the hat side, both the highest strain ranges and the maximum tensile stresses are found which, when assessed with the SWT criterion, imply a critical area with respect to the fatigue damage. Detailed results for the eight studied points are summarized in Table 2 . The ''fatigue load'' assessment reveals that the critical position is point 2a. Again, this is in line with the experimental study, 12 where cracks developed from this central position on the brake disc hat surface.
Five braking cycles with alternating banding (banding case 1 + banding case 2)
Five consecutive braking cycles (braking and cooling to 50°C) are simulated, where two cases of banding are alternately applied. First, banding case 1 (one band on the hat side and two bands on the piston side) is applied and then banding case 2 (two bands on the hat side and one band on the piston side), etc. The temperature field at the end of the 45 s brake cycle for banding case 2 is shown in Figure 10 , together with the residual stresses in the circumferential direction, the accumulated plastic strains after five braking cycles and the fatigue load for the last cycle. Figure 9 . Calculated circumferential stress versus mechanical strain for eight selected points on the brake disc surfaces and the neck for three cycles of banding case 1. Table 2 . Strain ranges De, maximum tensile stresses s max and fatigue loads (which are equal to s max De/2) for the reference brake disc assessed for the last braking cycle at the eight points studied, where the critical point is shown in bold.
Parameter (units)
Value for the following points The stress and strain responses are shown in Figure 11 . For position 2a (centre of the hot band on the hat side and centrally above the vane), the two additional braking cycles for banding case 2 can be seen to induce lower strain ranges than for banding case 1. The maximum tensile stresses, which in fact are the residual stresses after braking and cooling, are almost unaffected by the two additional cycles (between the cycles for banding case 1). However, for the outer side of the neck (point 8c), the results indicate that the two types of banding cycle give similar responses. Hence, they should have similar impacts on the calculated fatigue life for this area.
Detailed results for the eight studied points as assessed for the last cycles of banding case 1 (cycle 5) and banding case 2 (cycle 4) are summarized in Table 3 . It is found that, for the last cycle of banding case 1, the critical point regarding the fatigue load, and also for the case of alternating cycles, is point 2a, which shows a slight increase in the fatigue load, from 0.322 MPa for the last cycle of only banding case 1 to 0.326 MPa. Also, when assessing the last cycle of banding case 2, point 2a is the critical point for the fatigue load with the value of 0.142 MPa, which is slightly higher than that at point 8c, which is 0.140 MPa. On assessing the fatigue life by the SWT criterion, it is found that . Calculated circumferential stress versus circumferential mechanical strain for eight selected points on the brake disc surfaces and the neck for three braking cycles of banding case 1 and for two braking cycles of banding case 2.
banding case 2 has a minor influence on the fatigue life of the brake disc since it is being controlled by the damage at point 2a. However, the simulated cycles of banding case 1 and banding case 2 have equal impacts on the fatigue damage and the fatigue life at the neck area of the brake disc.
One aspect of the maximum tensile stresses requires special attention; in the middle of the hat surface (point 2a), these stresses correspond to the residual stresses after braking. This means that the braking cycles that follow (at least in an approximate way) are subject to the same maximum stress as in the SWT criterion. This should be considered in combination with the given strain range which depends on the thermal load case considered. Thus, a single severe braking cycle can have a significant detrimental influence on the fatigue life.
Hot spotting
Five hot spots around the circumference of the brake disc are considered for a single braking event. Symmetry is utilized, and a 36°sector is modelled. The calculated temperatures, the circumferential stresses and the accumulated plastic strains are shown in Figure 12 . It is observed that high tensile residual stresses and plastic strains develop at the location of the hot spot. The maximum residual tensile stress is 118 MPa (Figure 13 ), which is somewhat higher than for banding case 1 which has the maximum residual stress of 113 MPa (after the first braking cycle). One reason for this is that the maximum temperature here is 34°C higher than for banding case 1. The simulations show that the maximum mechanical strains in tension and compression at point 2a and point 4c are slightly higher than for banding case 1. The computed fatigue loads at point 2a and point 4c are 0.308 MPa and 0.241 MPa respectively. The first cycle of banding case 1 has a fatigue load of 0.288 MPa at point 2a, which is lower than for the hot spot case. Thus, the hot spot case is more detrimental than the studied narrow band of banding case 1 is. However, for cyclic behaviour, it is expected that, since hot spotting shows a lower strain range than banding does, the resulting fatigue load will be lower. This means that, for the studied cases, hot banding is more detrimental to the brake disc than macroscopic hot spots are, even if the hot spot case has a higher Table 3 . Calculated strain ranges De, maximum tensile stresses s max and fatigue loads (which are equal to s max De/2) for the reference brake disc assessed for the last braking cycle of banding case 1 (for the fifth cycle) and for the last cycle of banding case 2 (for the fourth cycle) at the eight points studied, where the critical points are shown in bold.
Parameter (units)
Value for the following points temperature. This observation is in agreement with those of Dufre´noy et al. 25 who showed that the maximum temperature is not sufficiently high to obtain the full picture of the contributions to the damage.
Parametric study
For each geometry, the responses in terms of temperatures, displacements, stresses, strains and accumulated plastic strain are extracted for the hat surface, the piston surface, the outer neck and the inner neck (see Figure 2 ). The variations in the studied geometry are given in the section on the geometry. The simulations in this section are produced by utilizing a parametrized approach for a somewhat simplified geometry using automated meshing. Comparison with the results for the more detailed reference model for the vane case in the previous section shows that only minor differences (of the order of a few per cent) are then introduced. The presented results are restricted to the hat surface, which was found to be critical. In the prerequisites for the parametric study, the requirements for a new geometry were given as follows (see the introduction section): a longer fatigue life and/ or a reduced mass. The mass of the reference brake disc is 30.0 kg. This means that the brake disc geometries studied which have a mass higher than 30 kg are excluded (Figure 14(a) ). Nevertheless, the results are still of interest for the construction of the response surfaces and for assessing the influence on the fatigue life. 16 As expected, brake discs having a minimum vane or pillar thickness t = 11.5 mm are the heaviest (i.e. they have the thickest cheeks). Moreover, brake discs of greater mass show lower peak temperatures at braking (Figure 14(b) and Figure 15 ), thereby demonstrating the relationship between the mass and the peak temperature.
Studies of the response surfaces show that the inner width w i and the outer width w o of the pillars or the vane angle a do not strongly affect the responses. This allows a preliminary study of the brake disc mass and the fatigue load as functions of only the thickness t and the length L of the vanes or pillars, as shown in Figure  16 and Figure 17 for a brake disc with three-rows of pillars and a brake disc with seven-rows of pillars respectively. For the case with three-rows of pillars, the fatigue load shows a strong dependence on the pillar thickness but a weak dependence on the pillar length. For the case with seven-rows of pillars both parameters affect the fatigue load. The observations for the case with three-rows of pillars also holds for the case with four-rows of pillars and the case with five-rows of pillars, whereas the case with six-rows of pillars behaves in the same way as the case with seven-rows of pillars.
For the vane case (not shown), the fatigue load shows an almost linear dependence on the vane length and the vane thickness. An increase in the vane length causes an increase in the fatigue load, which is opposite to the effect found for the pillar length. As for the case with three-rows of pillars, the vane thickness has a strong impact on the fatigue load.
The fatigue load versus the maximum temperature and the fatigue load versus the mass for all the studied geometries are shown in Figure 18 (a) and Figure 18 (b) respectively. The figures show clear dependences of the fatigue load on the maximum temperature and the mass. However, the scatter indicates that the cooling arrangement influences the fatigue load.
Optimization methods applied to the response surfaces give the opportunity to minimize a response and, Figure 13 . Calculated circumferential stress versus circumferential mechanical strain for eight selected points on the brake disc friction surfaces and the brake disc neck for the single hot spot braking cycle.
at the same time, to fulfil the chosen constraints. In this paper, it was chosen, in the first example, to optimize the brake disc by reducing its mass while keeping the fatigue load below that of the reference brake disc (Table 4 ). In the second example, the fatigue load is minimized under the constraint that the mass is not increased to higher than that of the reference brake disc ( Table 5 ). A column with the estimated change in the fatigue life, as calculated by using the SWT criterion in equation (2), is also included.
For the brake disc with vanes, it is found that the improvement relative to the reference brake disc can be obtained for both the mass and the fatigue life. In the best cases, 2.1 kg can be saved or the fatigue life can be increased by 55% (see Table 4 ). The optimized vane case shows the least mass reduction but the highest increase in the fatigue life for the optimized cooling arrangements. When optimizing the fatigue life, the increase in the vane angle and the slight increase in the cheek thickness is compensated for by a reduction in the vane length. For the optimized pillar row cases, as expected, the maximum reduction in the mass decreases with increasing number of pillars with an optimum mass reduction 4.0 kg for three-rows of pillars. The It should be noted that, for the vane case, only 15 variations were studied. Table 4 . Results from constrained optimization giving the minimum mass m min for the ''fatigue load'' not larger than that of the reference brake disc within the predefined parameter variations. fatigue lives of the optimized cooling arrangements show a clear improvement, with an increase of about 50% for all cases, in comparison with the reference brake disc (see Table 5 ). In a search for a geometry having a balance between the mass and the fatigue life of the brake disc, a brake disc with three-rows of pillars or four-rows of pillars seems to be the best candidate. It can be seen that the optimum geometries in the above study were often found for the minimum or maximum chosen values of the geometry parameters. For this reason, a new optimization was performed where extrapolation of parameters was allowed by 20% (when permitted by the geometry). It was then found that a further reduction in the mass or a further increase in the life is possible. For the vane case, the mass can then be reduced by 4.1 kg and the fatigue life can be increased by 93%. For the rows of pillars cases, only a minor further decrease in the brake disc mass can be reached. Moreover, a 75% increase in the fatigue life can be reached for the three-rows of pillars case (but only small improvements for the other rows of pillars cases), and up to 93% for the vane case in comparison with that of the reference brake disc. Thus, the conclusions from the first study still hold. It is also of interest to investigate the possible gain in the fatigue life (no extrapolation of the parameters) if an increase in the mass of the brake disc is allowed ( Table 6 ). It is found that the vane design here shows the longest fatigue life, with an increase of 80%, whereas the rows of pillars cases show improvements in the fatigue life of about 70% in comparison with that of the reference case.
Discussion and concluding remarks
A methodology was proposed to assess different brake disc designs. Studies on a reference brake disc geometry show the importance of the spatial distribution of the braking heat over the friction surfaces. For these surfaces, it is the local behaviour that is responsible for the build-up of the detrimental residual tensile stresses and also for the variations in the strain ranges. When a fatigue criterion of the SWT type is considered, it appears that single severe braking events, which induce high tensile residual stresses at friction surfaces, could in a detrimental way contribute to the growth of the damage for the subsequent braking cycles. For this reason, it is of great importance to study the thermal loading of the brake disc, such as banding and hot spotting, as introduced by thermoelastic instability phenomena.
A parametric study demonstrates the way in which modifications of the cooling arrangements of the brake disc influence the stresses and the strains for a prescribed banding load case and also the method for assessing the fatigue impact by using the ''fatigue load'' as parameter. Analyses of the response surfaces demonstrate that the cheek thickness and the pillar length are the most relevant factors when designing the cooling arrangement of a brake disc with respect to fatigue. The widths of the vanes and the pillars (in the circumferential direction) are found to be less important. Loading with alternating bands shows that the highest residual tensile stresses are controlled by banding case 1, while banding case 2 has only a minor influence.
Based on a limited number of simulations, optimizations using the response surfaces show that improved brake disc designs with vanes can lead to either reducing the brake disc mass by 2.1 kg or increasing the fatigue life by about 50%, in comparison with those of the reference brake disc. For brake disc designs with rows of pillars, approximately the same increase in life can be gained, but the mass can be reduced by a maximum of 4.0 kg.
In the present study, it was chosen either to increase the fatigue life or to decrease the mass, but the methodology allows other choices to be made in a straightforward way. Moreover, only a single temperature banding pattern was considered in the parametric study. Additional temperature patterns can generate new important results for updating brake disc designs (see, for example, the study on steel brake discs for railway applications by Dufre´noy et al. 25 ). Also, it would be interesting to study the influence of the pillar spacing further.
The present paper highlights the following.
1. An advanced Gurson-type material model was successfully implemented for severe braking of a grey Table 5 . Results from constrained optimization giving the minimum ''fatigue load'' for the mass not larger than that of the reference brake disc within the predefined parameter variations. Table 6 . Variation in the fatigue life of the brake disc relative to that of the reference brake disc for an allowed increase of 2 kg in the mass, where optimization was performed with the initial set of parameter ranges. cast iron brake disc, with the model being calibrated for temperatures up to 650°C and validated with thermomechanical fatigue tests by extrapolating the material parameters for temperatures up to 700°C. 2. Based on previous experimental results, thermoelastic instability phenomena in the form of hot bands and one case of hot spots are modelled using a simplified technique with prescribed spatial heat distributions. 3. Narrow hot bands are shown to be more detrimental to the fatigue life of brake disc than large hot spots are. 4. A DOE methodology allowed optimization of the mass of the brake disc or the fatigue life of the brake disc while taking into account the Gurson material. 5. The results of the optimization analyses indicate that substantial improvements in the fatigue life of the brake disc can be gained for a maintained brake disc mass or that the mass may be reduced somewhat while preserving the calculated fatigue life of the brake disc.
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